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A B S T R A C T   
Waste heat recovery using an (organic) Rankine cycle has the capacity to significantly increase the efficiency of 
heavy-duty engines and thereby reduce fuel consumption and CO2 emissions. This paper evaluates a recipro-
cating piston expander used in a Rankine cycle for truck waste heat recovery by quantifying its performance on 
the basis of experimental results and simulations. The experimental results were obtained using a setup con-
sisting of a 12.8 L heavy-duty Diesel engine connected to a Rankine cycle with water and are used to calibrate a 
semi-empirical expander model. At an engine power between 75 and 151 kW, this system recovered between 0.1 
and 3 kW, resulting in an expander filling factor between 0.5 and 2.5, and a shaft isentropic effectiveness be-
tween 0.05 and 0.5. The calibrated model indicated that the heat loss (16%), mechanical loss (6–25%), pressure 
drop (13–42%), and leakage (25–75%) all contributed significantly to the expander performance loss. A simu-
lation study with acetone, cyclopentane, ethanol, methanol, and R1233zd(E), showed that a change of working 
fluid significantly impacts the expander performance, with the filling factor varying between 0.5 and 2.2 and the 
effectiveness between 0.01 and 0.5, depending on the working fluid, expander speed, and pressure ratio. The 
results of the optimization of the built-in volume ratio and inlet valve timing during a typical long haul driving 
cycle showed that acetone and R1233zd(E) provided the highest available power around 3 kW absolute, or 2.2% 
relative to the engine. The main contributions of this paper are the presentation of experimental results of an 
engine coupled to a Rankine cycle, and the quantification of performance losses and the effect of working fluid 
variation using an adapted semi-empirical expander model, which allows for a selection of the working fluid and 
geometrical modifications giving optimal performance during a long haul driving cycle.   
1. Introduction 
The Rankine cycle (RC) is an excellent technology for waste heat 
recovery (WHR), enhancing the efficiency of heavy-duty engines and 
thereby reducing fuel consumption as well as CO2 emissions. This is 
especially important considering CO2 emissions due to road transport 
are increasing at a rate of about 2% per year [1]. While much effort is put 
into the development of electric vehicles to reduce these emissions, full 
electrification of heavy-duty vehicles remains challenging in the near 
future, making it essential to develop technologies for minimizing 
greenhouse gas emissions of internal combustion engines [2,3]. Other 
potential alternatives include currently available technologies such as 
dual-fuel operation, renewable fuel combustion, weight reduction, 
reduced resistance, and cylinder deactivation [2,4], or more advanced 
technologies such as hydrogen combustion, fuel cells, and free-piston 
engine generators [5]. Within WHR for engines, promising technolo-
gies are turbocompounding, thermo-electric generators, thermo- 
acoustic convertors [6,7], as well as different flash and Rankine cycles 
[8,9]. Of these options, the RC is an attractive candidate, with potential 
fuel consumption reductions of more than 5% in heavy-duty vehicles 
[10–12,7,13–15]. Five potential sources for waste heat can be identified 
within a heavy-duty engine: the charge air cooler, the engine coolant, 
the lubricating oil, the exhaust gas recirculation (EGR) cooler, and the 
exhaust gas leaving the tailpipe, where the last is mostly favored due to 
the relatively high temperature and mass flow [12,9,15]. To extract the 
heat from these sources, several architectures have been studied and 
implemented. The typical RC architecture consists of a single-loop, 
single fluid to extract the heat from only one of the available heat 
sources [12], occasionally with the help of an intermediate fluid such as 
a thermal oil [16]. Architectures utilizing multiple heat sources could 
use multiple fluids in a dual-loop configuration [17], or the same fluid in 
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a series [18], parallel [19,14], or cascade configuration [20], reaching 
up to 8% engine performance improvement. Due to the highly dynamic 
nature of engines, control of the WHR system is difficult and the 
development of dynamic models is crucial. Typically, the control 
objective is maximizing WHR system output power, while maintaining 
the vapor state at the inlet of the expander [19]. The control strategies 
can broadly be classified into two main classes [21]: classical control, 
such as PI(D) controllers [19,22,23], and advanced control, such as 
model predictive control [19,24]. Considering all these different aspects, 
the main challenge is to design and optimize the WHR system in terms of 
performance, costs, and packaging [25,26], while taking into account 
the engine operating conditions, components, cycle architectures, 
working fluids, and control strategies. 
One of the essential components in the WHR system is the expander, 
which converts the recovered heat into work and thus has a crucial 
impact on the overall system performance. Two types of expander are 
commonly employed: dynamic (velocity) or volumetric (displacement). 
Volumetric expanders are considered more suitable for smaller WHR 
systems [27] because they achieve relatively high pressure ratios with 
low rotational speeds and flow rates, and can handle two-phase flows 
[28]. Of the various kinds of volumetric expanders, the most common 
are piston, vane, screw, and scroll expanders [27]. Among these, piston 
expandershave favorable characteristics for WHR in heavy-duty truck 
engines [29], partly because of their ability to operate at higher pressure 
ratios since their internal volume ratios are large [30,31]. Additionally, 
piston expanders typically operate at lower rotational speeds, elimi-
nating the need to use a speed reduction gearbox for mechanical 
coupling to the engine [27]. Several recent experimental investigations 
evaluating the performance of different types of expanders for small- 
scale organic Rankine cycle (ORC) systems are highlighted here and 
summarized in Table 1. Alshammari et al. [16] investigated the per-
formance of an ORC with a radial inflow turbine for WHR from a heavy- 
duty Diesel engine using an intermediate loop with thermal oil and an 
undisclosed working fluid. Their results showed a peak performance of 
6.3 kW at an engine power of 81 kW with a pressure ratio of 5.9 and an 
expander speed of 15,000 rpm. A CFD model of the turbine was 
Nomenclature 
A area (m2) 
AU global heat transfer coefficient (W/K) 
cp specific heat capacity at constant pressure (J/kg/K) 
Cd discharge coefficient (–) 
Closs frictional loss coefficient (Nm) 
d diameter (m) 
fa supply cut-off ratio (–) 
fp exhaust cut-off ratio (–) 
h specific enthalpy (J/kg) 
L length (m) 
ṁ mass flow rate (kg/s) 
N rotational speed (rpm) 
Nu Nussselt number (–) 
P pressure (Pa) 
Pr Prandtl number (–) 
q vapor quality (–) 
Q̇ heat transfer rate (W) 
r ratio (–) 
Re Reynolds number (–) 
s specific entropy (J/kg/K) 
T temperature (K) 
U heat transfer coefficient (W/m2/K) 
v velocity (m/s) 
V volume (m3) 
Ẇ power (W) 
Greek symbols 
αloss proportional loss coefficient (–) 
γ heat capacity ratio (–) 
∊ effectiveness/ error (–) 
η efficiency (–) 
θ valve timing (◦) 
λ thermal conductivity (W/m/K) 
μ dynamic viscosity (Pa.s) 
ρ density (kg/m3) 
τ torque (Nm) 









evc exhaust valve closed 
evo exhaust valve open 
ex exhaust 
exh engine exhaust 




iv inlet valve 
ivc inlet valve closed 















ATDC after top dead center 
BDC bottom dead center 
BPV bypass valve 
EGR exhaust gas recirculation 
ESC European stationary cycle 
HW highway 
OP operating point 
ORC organic Rankine cycle 
RC Rankine cycle 
SV safety valve 
TDC top dead center 
WHR waste heat recovery  
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developed and simulated in ANSYS CFX, of which the results showed 
good agreement with the experiments. In another study with a radial 
inflow turbine, Kaczmarczyk et al. [32] performed an experimental 
evaluation of an ORC in a small-scale combined heat and power system 
with HFE-7100 as the working fluid. The maximum generated power 
was 2.1 kW at a pressure ratio of 5.2 and an expander speed of 22,440 
rpm. Wronski et al. [33] presented a novel reciprocating expander 
concept for ORC applications with a rotating variable timing admission 
valve system, which enabled the adjustment of the expansion ratio in 
real-time. The system used n-pentane and showed a maximum perfor-
mance of 2.4 kW at a pressure ratio of 16.5 and an expander speed of 
900 rpm. Additionally, a dynamic model was developed in Modelica, 
which predicted expander efficiencies within 10% and expander work 
within 30%. Guillaume and Lemort [25] focused on the recovery of 
waste heat from the exhaust gas and EGR of a heavy-duty truck with 
experimental results for five positive displacement expanders: piston, 
roots, scroll, screw and vane. All expanders used R245fa as the working 
fluid, except for the vane expander, where MM was used. The maximum 
power output varied between 1.1 and 4.7 kW for pressure ratios ranging 
from 1 to 11 and expander speeds from 1000 to 12,400. The experi-
mental values were used to calibrate semi-empirical models so that the 
different expanders could be compared in terms of efficiency and filling 
factor. Bianchi et al. [34] experimentally studied the performance of a 
radial piston expander prototype in a micro-scale ORC system with 
R134a. The maximum power output was 1.2 kW at pressure ratio of 2.8 
and an expander speed of 800 rpm. Campana et al. [35] converted a 
SANDEN scroll compressor into an expander and experimentally 
assessed its performance using R245fa as the working fluid. The peak 
power produced was 0.65 kW at a pressure ratio of around 2.2 and an 
expander speed of 1200 rpm. Similarly, Ziviani et al. [36] experimen-
tally evaluated an open-drive oil-free scroll expander with R245fa as the 
working fluid. Its maximum power output was 3.75 kW at a pressure 
ratio of 5.9 and an expander speed of 2500 rpm. A semi-empirical model 
and an artificial neural network model were calibrated based on the 
experimental data and compared. Fatigati et al. [37] did an 
experimental comparison between a single and dual-intake sliding ro-
tary vane expander installed on an ORC system coupled to a 3 L 
supercharged Diesel engine. With R236fa as the working fluid the dual- 
intake showed the best performance of 0.40 kW at a pressure ratio of 2 
and expander speed of 1521 rpm. Their GT-Suite model showed good 
agreement with the experiments. Zhao et al. [38] investigated the per-
formance of an ORC using their self-developed single screw expander for 
seasonal variations in the cooling water flow. Their system with R123 
showed a maximum performance of 6.6 kW at pressure ratio of 6.4 and 
an expander speed of 3000 rpm. 
Another important criterion for the design is the selection of the 
working fluid. Bao and Zhao [29] reviewed a selection of fluids and 
expanders to identify an optimal combination for an effective organic 
Rankine cycle (ORC) system. In addition to the thermodynamic prop-
erties of the fluid, its safety and impact on the environment must be 
considered [13]. Water or water-based mixtures are more advantageous 
than organic fluids in terms of cost, thermal stability, safety, and system 
complexity while it has several disadvantages such as a high freezing 
point, high boiling temperature, and high heat of vaporization. For WHR 
in automotive applications, water is considered unsuitable when using 
turbines, as the transient conditions make it difficult to ensure dry 
expansion, thereby running the risk of blade erosion. The use of volu-
metric expanders, which are more tolerant of wet conditions during 
expansion, relaxes this constraint. Thus, water is considered to be one of 
the safest options with a few advantages for recovering waste heat, 
particularly from the exhaust of a heavy-duty truck engine. 
The basis of this paper is an experimental investigation for the 
analysis of the recovery of waste heat from the exhaust gas of a heavy- 
duty truck engine using the Rankine cycle. The performance of a 
reciprocating piston expander in the RC with water as the working fluid 
was evaluated experimentally and the results were used to calibrate a 
semi-empirical model of the expander. This model was then used to 
quantify and evaluate the different contributions to the performance loss 
of the expander. Additionally, the model was expanded to include the 
performance for working fluids other than water. By modifying the 
built-in volume ratio and inlet valve timing in the model, the optimum 
performance during a driving cycle was estimated for each fluid. The 
contribution of this paper is threefold. Firstly, it presents (not widely 
available) experimental results of a RC WHR system with water coupled 
to an internal combustion engine. Secondly, by describing the model 
relations and quantifying the effects of different losses and working 
fluids, it contributes to a better understanding of the reciprocating pis-
ton expander. And lastly, the model serves as a predictive tool for the 
selection of the working fluid and geometrical modifications yielding 
the best performance in a typical long haul driving cycle. 
2. Experimental setup 
The experimental setup consists of a heavy-duty engine connected to 
a WHR system. The engine is a 12.8 L heavy-duty turbocharged Diesel 
engine with EGR [9] of which the exhaust gases are the heat source for a 
Rankine cycle using water as the working fluid. In the WHR system, the 
working fluid flows from the condenser (a plate heat exchanger cooled 
by the available process water) to the buffer tank which is open to the 
atmosphere. From here, the fluidflows through a filter to the inlet of the 
high pressure axial piston pump. From the pump, the fluid flows to the 
evaporator, with the possibility to recirculate part of the flow to the 
buffer tank via a control valve. In the evaporator (a plate heat exchanger 
in contact with the hot exhaust gases from the engine) steam is gener-
ated which may either enter the expander or bypass it via a controllable 
bypass valve (BPV), as shown in Fig. 1. The BPV is controlled during 
start-up to obtain the required pressure and superheating temperature at 
the expander inlet. An additional safety valve (SV) is installed to prevent 
excessive pressures in the system. Once the conditions for pressure and 
superheating temperature are met, the bypass valve is closed and the 
expander started. The superheated steam is expanded, producing power, 
Table 1 




Fluid(s) rp  Nexp  Ẇexp  ηexp  
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Alshammari et al. 
[16] 
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[34] 
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[35] 








Fatigati et al.  
[37] 
Vane R236fa 1.7 – 
2.0 






































































Zhao et al. [38] Screw R123 4.1 – 
6.4 




Ziviani et al.  
[36] 










J. Rijpkema et al.                                                                                                                                                                                                                               
Applied Thermal Engineering 186 (2021) 116425
4
and then leaves the expander at a low pressure and enters the condenser. 
The type of sensors used and the corresponding uncertainties are shown 
in Table 2.The setup was monitored and controlled using two National 
Instruments CompactRIO 9074 controllers, which were coupled to a 
Labview interface. For each measuring point, the experimental values 
were averaged based on three minutes of collected data. 
The expander, shown in Fig. 2, is a two cylinder uniflow recipro-
cating piston expander previously used for waste heat recovery from the 
EGR cooler in a heavy-duty engine [39,6]. It operates similarly to the 
two-stroke combustion engine: high pressure, high temperature steam 
enters from the top and exits at a reduced pressure and temperature at 
the bottom of the cylinder. The steam is admitted through the inlet port, 
which is normally closed by a valve attached to a valve spring and 
periodically opened by a push-rod mounted to the piston head. The 
steam exits through the outlet port, which is uncovered when the piston 
travels down. Both pistons are connected to the expander crankshaft, 
which is coupled to an electric brake via a shaft equipped with a torque 
and speed sensor. The bearings between the crankshaft and the crank-
case necessitate a separate oil circuit, which is depicted schematically in 
Fig. 1. Although only a negligible amount of oil ends up in the water, a 
significant amount of steam enters the crankcase. To avoid adverse ef-
fects on the lubricating properties of the oil, the water is evaporated 
from the oil by heating it to 140 ◦C, and the water is expelled via an 
external drain. Since the oil pump cannot handle the high temperature, 
the oil must then be cooled down before entering the pump. 
3. Expander Modeling 
The expander model is a modified version of a steady state, semi- 
empirical model [40], originally developed for volumetric expanders 
such as scroll or screw expanders [41,42], and adapted for piston ex-
panders [43,44]. The semi-empirical model relies on thermodynamic 
equations with several tuning parameters that must be identified using a 
calibration procedure that is based on the experimental results. These 
parameters are included to account for deviations from ideal expander 
performance caused by pressure drops, leakage, heat losses, and me-
chanical losses. By using time-averaged parameters and properties, the 
dynamic and sequential operation of the expander is modeled as a 
steady-state operation where the physical processes occur simulta-
neously. The model was built using the MATLAB [45] environment 
connected to REFPROP [46] for the fluid properties. Fig. 3 shows the 
Pressure–Volume (PV) diagram of the ideal expansion process for the 
expander, with labels referring to locations shown in Fig. 4. 
At top dead center (TDC), the inlet valve is open and the expander is 
at its smallest volume: the clearance volume (Vc). Because of the pres-
sure drop over the inlet port, the pressure at the start of expansion (Psu3) 
is lower than the supply pressure (Psu). As the expander moves down-
ward, high-pressure steam enters the cylinder until it reaches the vol-
ume at which inlet valve closes (Vivc). Expansion starts and continues 
until the exhaust valve opens (Vevo) after which the cylinder pressure 
equalizes with the exhaust pressure (Pex3). The piston then travels 
downward at constant pressure until it reaches bottom dead center 
(BDC) and its maximum volume (Vtot). Due to the pressure drop over the 
outlet port, the exit pressure (Pex) is lower than the expansion exhaust 
pressure (Pex3). From here, the piston travels upward with low-pressure 
steam, until the exhaust valve closes (Vevc), which is the same volume as 
that at which the exhaust valve opens. The mass that is trapped when the 
exhaust valve closes is compressed until the inlet valve opens (Vivo), at 
which point the pressure is equalized to the inlet pressure. With the inlet 
valve open, the piston will travel up until it reaches TDC, after which the 
cycle repeats. 
3.1. Expander parameters 
The measured geometrical parameters for the expander are shown in 
Table 3. Using these values the corresponding piston volumes can be 
Fig. 1. Schematic depiction of the expander circuit and connecting oil circuit 
and electric brake. 
Table 2 
Measurement devices accuracy.  
Input Type Range Accuracy Unit 
Engine speed Schenck D900-1e 0 – 6500 ± 2  rpm 
Engine torque Schenck D900-1e − 4000 – 4000 ± 8  Nm 
Expander speed HBM T40B 0 – 20000 ± 10  rpm 
Expander torque HBM T40B − 500 – 500 ± 0.25  Nm 
Mass flow Micro Motion F025S 0 – 100 ± 0.2  g/s 
Pressure WIKA A-10 0 – 60 ± 0.6  bar(g) 
Temperature RS Pro Type K − 75 – 1100 ± 1.5  ◦C   
Fig. 2. The piston expander (right) connected to the torque sensor and electric 
brake (left). 
Fig. 3. Ideal PV-diagram for the operation of a uniflow reciprocating piston 
expander in under-expansion with a schematic representation of the corre-
sponding piston movement in the cylinder. 
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calculated using geometrical relations [47,6] of which the results are 
shown in Table 4. From these the geometrical parameters were derived: 
the supply and exhaust cut-off ratio (fa and fp), the built-in volume ratio 
(rv), and the (effective) volumetric expansion and compression ratio 
(rv,exp and rv,cp), of which the values and definitions are shown in Table 5. 
The model variables were separated into three types: input variables, 
output variables, and tuning parameters. The input variables are equal 
to the experimental values and the output variables are the result of the 
model calculation. Both types are listed in Table 6. The tuning param-
eters (some of which were kept constant) are tuned during the calibra-
tion to match the output variables with the experimental values. These 
are listed in Table 9, together with the resulting values from the 
calibration. 
3.2. Expander model 
As mentioned, the expander model was originally developed for a 
scroll expander based on an existing scroll compressor model [41,42]. 
The model in this study, schematically depicted in Fig. 4, was modified 
to include the pressure drop on the exhaust side of the expansion, 
compression in the cylinder, leakage to the environment, and the ability 
to predict performance when using other working fluids. The model 
represents a single cylinder, so its predicted mass flows and energy 
changes must be multiplied by the number of cylinders in the expander 
when comparing its output to the experimental results. 
3.2.1. Supply pressure drop (su → su1) 
The adiabatic supply pressure drop is modeled by treating the supply 
mass flow as isentropic flow (ssu,thr = ssu) through a converging nozzle, 
shown in Eq. (1), after which the kinetic energy is converted into 
enthalpy (hsu1 = hsu) at constant pressure. The supply diameter (dsu) 
represents the mean effective diameter which must be determined using 









(1)  To account for supersonic flow, the throat pressure (Psu,thr) is assumed to 
equal the greater of the outlet pressure (Psu1) and the corresponding 






The critical supply pressure is determined based on the relation for a 











Fig. 4. The semi-empirical model piston expander model.  
Table 3 
Measured geometrical parameters.  
Bore B 90.0 mm 
Stroke S 60.0 mm 
Clearance length Lc  3.0 mm 
Con rod length Lcr  118.5 mm 
Inlet valve opening θivo  − 17 ◦ ATDC  
Inlet valve closing θivc  34 ◦ ATDC  
Exhaust valve opening θevo  110 ◦ ATDC  
Exhaust valve closing θevc  250 ◦ ATDC   
Table 4 
Derived volumes.  
Total volume Vtot  0.4008 L 
Clearance volume Vc  0.0191 L 
Swept volume Vs  0.3817 L 
Inlet valve open volume Vivo  0.0295 L 
Inlet valve closed volume Vivc  0.0593 L 
Exhaust valve open volume Vevo  0.2969 L 
Exhaust valve closed volume Vevc  0.2969 L  
Table 5 
Derived geometrical parameters.  
Supply cut-off fa  = Vivc/Vs  0.16 – 
Exhaust cut-off fp  = Vevc/Vs  0.78 – 
Built-in volume ratio rv  = Vtot/Vc  21.0 – 
Expansion ratio rv,exp  = Vevo/Vivc  5.00 – 
Compression ratio rv,cp  = Vevc/Vivo  10.1 –  
Table 6 
Input and output variables.  
Input Output 
Supply temp. Tsu  Exhaust temp. Tex  
Supply pressure Psu  Expander power Ẇexp  
Exhaust pressure Pex  Supply mass flow ṁsu  
Expander speed Nexp    
Ambient temp. Tamb     
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3.2.2. Supply heat transfer (su1 → su2) 
The isobaric supply heat transfer (Psu2 = Psu1) is calculated using a 
fictitious envelope (representing the metal parts of the expander) with a 
uniform wall temperature (Tw). The relation for a single-stream steady- 
flow heat exchanger [49] is used to calculate the supply heat transfer, 
















The global heat transfer coefficient (AUsu) can be calculated with Eq. (5) 
by correcting the nominal global heat transfer coefficient (AUsu,n) for 
deviations in mass flow (ṁsu) from the nominal flow (ṁsu,n), derived 
from the relation for turbulent flow in a smooth tube [49], assuming 







Having determined the heat transfer, the enthalpy after heat transfer 
(hsu2) can be calculated: 




3.2.3. Leakage mass flow rate (su2 → leak) 
The leakage mass flow in Eq. (7) is determined by combining the 
isentropic nozzle (sleak,thr = ssu2) with the isobaric diffuser (Pleak =
Pleak,thr,hleak = hsu2), equivalent to the supply pressure drop calculation, 
where the average effective leakage area (Aleak) must be determined 








Since the leakage flow is rejected to the crankcase of the expander, 
rather than mixed back, the throat pressure is the greater of the ambient 
















As part of the mass flow is rejected to the environment (ṁleak), the supply 
flow (ṁsu) is reduced to the internal flow available for expansion (ṁint), 
expressed as 
ṁint = ṁsu − ṁleak (10)  
3.2.4. Expander inlet mixing (su2 → su3) 
In the piston expander, part of the mass is compressed (ṁcp) and 
mixed with the internal mass at supply conditions (ṁint) at isobaric 
conditions (Psu3 = Psu2), as shown in Eq. (11). The corresponding 
enthalpy at the start of the expansion (hsu3) is computed using Eq. (12). 
ṁexp = ṁint + ṁcp (11)  
hsu3 = ṁinthsu2 + ṁcphcp
ṁexp
(12)  
3.2.5. Expansion (su3 → ex3) 
Eq. (13) shows the total mass displaced in the expander, which is the 
mass available at the closing of the inlet valve (ρsu3faVs) multiplied with 




ρsu3faVs (13)  
As shown in Fig. 3, the internal power during the expansion stroke 
(Ẇint,exp) can be divided into three components: suction at constant 
pressure (Vc→Vivc), adiabatic and reversible expansion (Vivc→Vevo), and 
discharge at constant volume (Pevo→Pex3), resulting in the following 
expression: 
















Knowing the inlet enthalpy (hsu3), the internal expansion power Ẇint,exp), 
and the mass flow (ṁexp), the expander exhaust enthalpy can be calcu-
lated: 




3.2.6. Compression (ex3 → cp) 
During compression, the total displaced mass over time is the mass 
trapped in the cylinder after the exhaust valve closes (ρex3fpVs) multi-




ρex3fpVs (17)  
Analogous to the expansion, the internal power during the compression 
stroke can be given by 











After the reversible compression (sivo = sex3), the density in the cylinder 
will be equal to 
ρivo = ρex3rv,cp (19)  
When the inlet valve opens, the pressures equalize (Pcp = Psu2) and the 
resulting enthalpy is 




3.2.7. Expander exhaust mixing (ex3 → ex2) 
Since the leakage flow is rejected to the environment, no mixing 
occurs after the expansion exhaust, meaning constant thermodynamic 
properties (Pex2 = Pex3,hex2 = hex3) and mass flow (ṁex = ṁint). 
3.2.8. Exhaust heat transfer (ex2 → ex1) 
Similar to the supply heat transfer, the isobaric (Pex1 = Pex2) exhaust 
heat transfer is calculated using the relation for a single-stream steady- 
flow heat exchanger [49], where the global heat transfer coefficient 
(AUex) is scaled by the exhaust mass flow (ṁex), after which the enthalpy 
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3.2.9. Exhaust pressure drop (ex1 → ex) 
Like the supply pressure drop, the adiabatic exhaust pressure drop 
combines the isentropic nozzle (sex,thr = sex1) with the isobaric diffuser 
(hex = hex1) to calculate the corresponding pressure downstream of the 


























3.2.10. Ambient heat transfer 
The ambient heat transfer depends on the global heat transfer coef-
ficient (AUamb) and the temperature difference between the fictitious 






3.2.11. Energy balance 
The internal power output of the piston expander and net shaft 
power of the expander are given by 
Ẇ int = Ẇ int,exp − Ẇ int,cp (28)  
Ẇexp = Ẇ int − Ẇ loss (29)  
The losses in the expander are represented by three different terms: 




To calculate the wall temperature (Tw), the energy balance containing 
the four different contributors to the heat transfer is solved using the 
following expression: 
Q̇su + Ẇ loss = Q̇ex + Q̇amb (31)  
The total energy balance over the expander is then defined as: 
ṁsuhsu − ṁexhex = Ẇexp + Ẇ leak + Q̇amb (32)  
3.2.12. Expander performance 
Typically, the expander performance is expressed using a filling 
factor and an isentropic efficiency. However, the definition of the filling 
factor (ϕf) for a piston expander [44], shown in Eq. (33), cannot be used 
since the steam expands into the two-phase region and the exhaust 
density (ρex) is not known from the measured pressure and temperature. 
Therefore, an isentropic filling factor is introduced in Eq. (34), based on 
the isentropic exhaust density (ρex,is), i.e. considering isentropic expan-






















As the definition of the isentropic efficiency assumes adiabatic opera-
tion, it cannot be used to evaluate the expander performance [41,50]. 
Instead, the shaft isentropic effectiveness in Eq. (35) is used to evaluate 










) (35)  
From the shaft isentropic effectiveness, the shaft power can be calcu-
lated, but the expander outlet enthalpy is still unknown. This is because 
the energy balance must also include the leakage power and heat loss. 































3.3. Change of working fluid 
To evaluate expander performance for fluids other than water, the 
expander model can be extended using relations previously developed 
for scroll compressors and expanders [51,52]. In this study, Aleak, dsu and 
dex are considered geometrical parameters, which are not influenced by 
the change of fluid. Additionally, the effects of changes in lubricating 
properties, and thus the influence of the loss parameters (Ẇloss,0,αloss and 
Closs), are ignored. Since the ambient heat transfer (AUamb) is unaffected 
by changing the working fluid, the change of fluid only affects the 
thermodynamic properties and the inlet and exhaust global heat transfer 
coefficients (AUsu and AUex). The heat transfer coefficient is typically 
expressed as a function of the Nusselt number (Nu), thermal conduc-





The relevant dimensionless numbers are defined below where the Nus-
selt number is defined for turbulent flow in a smooth tube [49], with 
m = 0.4 in the case of heating and m = 0.3 for cooling. 










The new global heat transfer coefficient can now be expressed in relation 
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4. Experimental results 
The 12.8 L Diesel engine was operated at four engine operating 
points, listed in Table 7. The designations A25, A50 and B25 are taken 
from the European Stationary Cycle (ESC) and indicate the load per-
centage (25, 50, 75, 100) and speed (A, B, C) [53]. The A25 and A50 
points were chosen because they account for around 70% of the total 
driving time during a typical long haul driving cycle [11]. Additionally, 
one higher speed point (B25) was added, along with a typical highway- 
driving point (HW). 
Several quantities derived from the available measurements are 
presented in this section. Table 8 shows the maximum measurement 
error based on the rules for error propagation [54]. 
Themeasured expander inlet pressure and temperature are shown in 
Figs. 5 and 6. The mass flow and expander shaft power are shown in 
Figs. 7 and 8. 
By controlling the pump speed and pump bypass valve position, the 
cycle mass flow was kept constant at each engine operating point. This 
was done to ensure superheated conditions at the inlet of the expander 
based on the available heat from the exhaust gases. As expected for a 
constant mass flow, the expander inlet pressure decreases for an 
increasing expander speed, since the displaced volume flow by the 
expander increases. However, the expander power output remained 
relatively constant, except for low pressures (<15 bar). The resulting 
isentropic filling factor and shaft effectiveness are shown in Figs. 9 and 
10. 
These results show that the filling factor is high at low expander 
speeds and low at high expander speeds. For the effectiveness the 
opposite effect is visible, with the highest effectiveness at the higher 
pressure ratios. Since the lower expander speeds correspond to the 
higher pressure ratios in the cycle, the effectiveness is the result of the 
relatively constant expander power over the expander speed range. The 
expander power can also be visualized relative to the engine power, 
which is shown in Fig. 11. Depending on the engine operating point, 
between 0.2 and 2.5% of the engine power can be recovered by this 
waste heat recovery system. 
5. Expander calibration 
The expander calibration involves tuning several parameters of the 
expander model so that its output matches experimental values. This 
was done by using the genetic algorithm available in MATLAB [45] to 
















Here, x1 = ṁsu,x2 = Ẇexp,x3 = Tex, and n the number of experiments. 
The tuning parameters, of which some were kept constant, are presented 
in Table 9. For these parameters, the model values are compared with 
the experimental values in Fig. 12, which also shows lines of percentage 
error. 
Table 7 
Engine operating points.  
OP Neng  τeng  Ẇeng  ṁexh  Texh   
rpm Nm kW g/s ◦C  
A25 1200 600 75 180 320 
HW 1200 800 101 205 345 
A50 1200 1200 151 290 360 
B25 1500 600 94 250 310  
Table 8 
Maximum measurement error for the derived quantities.  
Quantity Symbol Max. Error 
Expander shaft power Ẇexp  ± 8.2%  
Isentropic filling factor ϕf,is  ± 7.2%  
Isentropic shaft effectiveness ∊is  ± 8.9%  
Relative expander power Δηeng  ± 8.2%   
Fig. 5. The expander inlet pressure as a function of the expander speed.  
Fig. 6. The expander inlet temperature as a function of the expander speed.  
Fig. 7. The expander inlet mass flow as a function of the expander speed.  
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Fig. 12 shows that the model is able to accurately predict the outlet 
temperature and predicts the mass flow reasonably well (within 10%). 
However, despite using the best available calibration, some model pre-
dictions of the expander power deviated significantly (by over 20%) 
from experiment. The model overpredicts the power at lower expander 
power (<1 kW) and underpredicts it at higher power (>2 kW). Possible 
reasons and solutions to explore in future experiments are discussed in 
the Modeling Results and Discussion section. A sensitivity analysis was 
performed by varying the tuning parameters within in a range of − 10% 
to +10%. The results are presented in Fig. 13, which shows the 
normalized error (∊/∊min), where the minimum error (∊min) is the lowest 
error as defined in Eq. (45). Similar to Giuffrida [55], the simulation 
results are most sensitive to the supply nozzle diameter (dsu). In com-
parison, the other parameters showed a negligible effect within the 
varied range. 
6. Modeling results and discussion 
The expander model helps to provide a detailed understanding of the 
various contributions on the performance of the expander. This section 
discusses the effects of these contributions on the filling factor and 
effectiveness as well as the effect of changing the working fluid. Sub-
sequently, the effect of changing the built-in volume ratio and inlet valve 
timing for each fluid in a driving cycle is evaluated. 
6.1. Expander performance 
The expander performance is best expressed in terms of the filling 
factor (i.e. volumetric efficiency) and isentropic effectiveness (i.e. effi-
ciency). The semi-empirical model was used to evaluate the effects of 
several contributions that cause deviations from the ideal performance 
(i.e. a filling factor and effectiveness not equal to unity), as shown in 
Figs. 14 and 15. The contributions were added cumulatively in the 
following order: Valve clearance, Valve timing, Heat loss (internal), Heat 
loss (external), Mechanical loss, Pressure drop, and Leakage. Valve clear-
ance and valve timing represent the influence of the size of the clearance 
Fig. 8. The expander shaft power as a function of the expander speed.  
Fig. 9. The expander isentropic filling factor as a function of the 
expander speed. 
Fig. 10. The expander shaft isentropic effectiveness as a function of the pres-
sure ratio. 
Fig. 11. The expander power relative to the engine power as a function of the 
expander speed. 
Table 9 
Fixed and calibrated tuning parameters.  
Fixed 
Nominal supply mass flow ṁsu,n  0.10 kg/s 
Nominal exhaust mass flow ṁex,n  0.10 kg/s  
Calibrated 
Supply nozzle diameter dsu  1.12 mm 
Exhaust nozzle diameter dex  15.6 mm 
Leakage area Aleak  0.648 mm2 
Supply heat transfer coef. AUsu,n  244 W/K 
Exhaust heat transfer coef. AUex,n  44.7 W/K 
Ambient heat transfer coef. AUamb  15.0 W/K 
Constant mech. losses Ẇloss,0  106 W 
Proportional mech. losses αloss  0.010 – 
Frictional losses Closs  1.54 Nm  
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volume (Vc) and the volumes at which the inlet and exhaust valves open 
and close (Vivo,Vivc,Vevo, and Vevc), respectively. Internal heat loss rep-
resents the effect of the heat transfer coefficients to the cylinder wall 
(AUsu,n and AUex,n), but ignores the heat transfer coefficient to the 
ambient (AUamb), which is included in the external heat loss results. 
Mechanical loss represents the combined effect of the different con-
tributors to mechanical losses (Ẇloss,αloss, and Closs). Pressure drop is the 
effect of the supply and exhaust nozzle diameters that cause the pressure 
drop (dsu and dex), whereas the leakage results indicate the impact of the 
leakage area (Aleak). 
Fig. 14 shows the cumulative effect of the contributions on the 
isentropic filling factor over a range of expander speeds. Starting at an 
ideal filling factor of one, the filling factor is slightly reduced by the 
clearance volume, but not affected by the valve timing. Both the internal 
and external heat loss increase the filling factor, since heat loss at the 
supply increases the inlet density (ρsu2 > ρsu1) and heat addition to the 
exhaust reduces the outlet density (ρex2 < ρex1). The mechanical loss has 
almost no effect on the filling factor, but the pressure drop reduces it 
significantly, especially at higher expander speeds. The pressure drop 
reduces the inlet density and increases the outlet density (ρsu1 < ρsu and 
ρex1 > ρex), thereby reducing the filling factor. The effect of the leakage 
mass flow is highest at lower expander speeds because of the higher 
relative contribution of the leakage flow to the total flow. Also, the 
leakage mass flow decreases with increasing expander speed as a 
consequence of the lower supply pressure. 
The corresponding shaft isentropic effectiveness is shown in Fig. 15. 
In the ideal case, the effectiveness reaches unity when the volumetric 
ratio of the fluid in the cycle matches the effective built-in volume ratio 
of the expander, which is determined by the valve timing (ρsu3/ρex3 =
Vivc/Vevo). The valve clearance and valve timing cause relative perfor-
mance losses of around 8 and 5%, respectively. Heat transfer reduces the 
performance by about 16%, with the greatest losses arising from the 
external heat transfer (∼11%). The relative losses caused by mechanical 
loss, pressure drop, and leakage all decrease as the pressure ratio in-
creases and range from 25 to 6%, 42 to 13%, and 75 to 25%, respec-
tively. A selection of experimental and modeling results are listed in 
Table 10. From this selection, the small deviations between modelling 
and experimental results for the outlet temperatures and mass flows, and 
the larger deviations for the expander power, are also visible. The model 
allows for a prediction of the vapor quality at the outlet of the expander 
Fig. 12. Comparison of model and experimental output values after expander calibration.  
Fig. 13. Sensitivity analysis.  
Fig. 14. Cumulative effects on the isentropic filling factor as a function of the 
expander speed with Psu/Pex = 26,Pex = 1.1 bar, ΔTsup = 60 K. 
Fig. 15. Cumulative effects on the shaft isentropic effectiveness as a function of 
the pressure ratio with Nexp = 1000 rpm, Pex = 1.1 bar, ΔTsup = 60 K. 
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(qex), which varies between 0.78 and 0.88 for all results. From the model 
it is also possible to identify the different contributions of the energy 
balance defined in Eq. (32). This shows that all contributions signifi-
cantly impact the energy loss over the expander, leading to a value 
higher than unity for the total isentropic effectiveness, as defined in Eq. 
(36). These results show that all loss contributions significantly affect 
the expander performance. Each contribution is analyzed below to 
identify possible causes and improvements to reduce performance loss. 
Valve clearance and Valve timing. Valve clearance and timing 
represent a trade-off between mechanical design and optimum per-
formance and are determined by the expander geometry, making it 
difficult to modify them in the experimental setup. In a previous 
study [6], the valve clearance for this particular expander was 
increased; this resulted in similar power outputs, but shifted the 
optimum power to a different expander speed, allowing the expander 
to operate at lower inlet pressures. Another study with this expander 
[56], showed that the expander’s power output could be doubled at 
available steam-delivery rates by reducing the compression ratio or 
extending the steam admission phase. Clemente et al. [57] reported 
that the supply cut-off ratio is one of the most important parameters 
of a reciprocating expander. Further, they note that an early cut-off 
results in a smaller torque but a higher ideal cycle efficiency, and 
vice versa. They refer to Badami and Mura [58], who concluded that 
the variable cut-off strategy is a good choice in terms of efficiency but 
presents significant challenges in technical design and construction. 
Heat loss. The external heat loss represents the heat lost to the 
surroundings and can be reduced by insulating the expander. This 
will reduce the impact of the external heat loss on the effectiveness, 
although it will also decrease the filling factor. Insulating the 
expander also affects the internal heat loss because it will increase 
the wall temperature, thereby reducing the heat transfer at the suc-
tion and increasing it at the exhaust. A similar reduction in perfor-
mance caused by heat losses was observed in another experimental 
study using a scroll expander [59]. In that study, the ratio of ambient 
losses to the electrical power from the expander ranged from 15 to 
40%, despite insulation. 
Mechanical loss. Mechanical losses are caused by the friction in the 
components of the expander, e.g. a moving piston or rotating 
crankshaft. The amount of friction is affected by the lubricating 
properties of the oil. In this setup, the crankshaft of the two cylinders 
of the expander was lubricated with oil from the crankcase using an 
oil circuit separate from the steam cycle. Due to the (significant) 
leakage of steam into the crankcase, the water was not fully sepa-
rated from the oil, which worsened the lubricating properties of the 
oil over time. Reciprocating pistons are known to have large friction 
losses because they have many interacting surfaces, with friction 
between piston rings, pistons, and cylinder walls being the primary 
contributors. While this impact can be reduced by dissolving oil in 
the working fluid, lubrication difficulties may be inevitable when 
using reciprocating pistons with steam [29]. The use of a separate oil 
circuit poses an additional challenge for the implementation of this 
system in a truck. The extra components would require more space 
and the cooler would add to the cooling load of the truck. Alterna-
tively a different separation method could be used which would not 
require an oil heater and cooler. Another option is the use of an 
expander which can be lubricated by the oil mixed directly in the 
working fluid. 
Pressure drop. The biggest contribution to the pressure drop comes 
from the valves. The nozzle areas derived from the representative 
nozzle diameters in Eqs. (1) and (24) can also be expressed in terms 




= CdAeff (46)  
In Eq. (46) the discharge coefficient depends on the geometry and is 
typically expressed as a function of the Reynolds number. The 
effective area depends on the valve lift profile and the port area. The 
averages here indicate that these values represent the averaged effect 
during operation of valve. Again, since the valve profile and geom-
etry depend on the expander design, modifying the experimental 
setup is difficult. A study on a reciprocating piston expander [43], 
indicated that at a constant pressure ratio, pressure losses increase 
with increasing rotational speed, which in turn influences the volu-
metric efficiency. Volumetric efficiency decreases as the expander 
rotational speed increases due to the rapid opening and closing of the 
supply valve and the associated pressure losses. Simpson et al. [60] 
obtained similar results in an investigation using R245fa: the 
maximum pressure reached at higher speeds was significantly lower 
than at lower speeds. Therefore, once the speed exceeds a certain 
limit, higher speeds reduce the mass flow rate and thus cause a 
reduction in volumetric efficiency, thereby reducing the effective 
power output. Careful valve design and timing strategies can be used 
to minimize these pressure losses [60]. 
Leakage. The pressurized steam enters the cylinders, where it leaks 
from the cylinders into the crankcase from where (some of) it is 
released into the environment. The piston contains piston rings to 
minimize leakage. The large amount of leakage - visible during the 
experiments - might indicate that the piston rings are worn out and 
should be replaced. The high leakage losses agree well with the re-
sults of Lemort et al. [30], who simulated a piston expander with 
water and a supply pressure, supply temperature, and expander 
rotational speed of 30 bar, 300 ◦C, and 3500 rpm, respectively. Their 
results indicated that the major losses were attributable to 
compression of the mass trapped inside the clearance volume and 
internal leakages. Also important is the lubrication of the system, 
especially for reciprocating pistons, since this affects the leakages via 
gaps between the moving seals and solid surfaces [29]. Furthermore, 
although leakage to the environment might be acceptable for water, 
it is not for the other working fluids studied in this paper. 
Table 10 
Comparison of a selection of experimental and modeling results.    
Tsu  Psu  Tex  Pex  qex  Nexp  ṁsu  Ẇexp  Ẇleak  Q̇amb  ∊is,sh  ∊is,tot    
◦C  bar ◦C  bar – rpm g/s kW kW kW – – 
1. Experiment 222 17.2 102 1.1 - 250 4.9 0.44 – – 0.19 –  
Model 222 17.2 102 1.1 0.78 250 4.7 0.33 0.96 1.75 0.15 1.37  
2. Experiment 295 30.3 103 1.1 – 500 9.8 2.36 – – 0.40 –  
Model 295 30.3 103 1.1 0.85 500 10.5 2.06 1.35 3.38 0.33 1.08  
3. Experiment 301 26.5 102 1.1 – 1000 10.4 2.37 – – 0.38 –  
Model 301 26.5 103 1.1 0.87 1000 10.7 2.28 0.97 3.46 0.39 1.07  
4. Experiment 292 23.8 103 1.2 – 1800 11.3 2.73 – – 0.43 –  
Model 292 23.8 104 1.2 0.88 1800 11.5 2.34 0.76 3.56 0.36 1.02  
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The model predictions of the mass flow and outlet temperatures 
agreed quite well with the experiments (<10% and <1% respectively), 
as shown in Fig. 12. However, the predictions of the power were less 
successful, with deviations exceeding 20%. This is probably attributable 
to the high leakage rate, making it impossible to remove all the water 
from the oil while the system is running. As a result, the lubricating 
properties of the oil gradually worsened because of dilution with water; 
an effect not accounted for in the model. The high leakage rate could 
also directly affect the accuracy of the model. Installing new piston rings 
and ensuring good separation of water and oil could thus potentially 
improve both the expander performance and the model’s agreement 
with experiment. Another possible source of error is the expansion in the 
two-phase region, visualized in Fig. 16. This shows the expander inlet 
and outlet conditions for point 3 of Table 10 in the Temperature- 
Entropy-diagram of water, together with the cumulative contributions 
of the energy loss over the expander as defined in Eq. (32). Since the 
pressure and temperature readings are not independent of one-another 
in the two-phase region, the thermodynamic system is not fully 
defined. This means that the end-state of the expansion cannot be 
determined from the available measurements, leading to a potential 
error in the fitting of the model. 
6.2. Working fluids 
Water was selected as the working fluid because of the availability of 
compatible components in the experimental setup, its reasonable ther-
modynamic performance, and especially its ease of handling, as it is non- 
toxic and non-flammable. The handling makes it an attractive working 
fluid, although for practical applications it is necessary to add an anti-
freeze agent to lower the freezing temperature. Since water is a wet fluid 
[13], expansion ended in the two-phase region for all conditions 
examined in this study, possibly leading to a poor fit for the expander 
performance. Additionally, the definitions of the critical pressure in Eqs. 
(3), (9), and (26) are based on the ideal gas law, which is invalid in the 
two-phase region or close to the saturation line. Therefore, using a 
different fluid could improve the accuracy of the model, although the 
ideal gas law is still an approximation for heavy molecules, such as 
R1233zd(E). Another advantage of using an organic fluid is that the 
expander lubricant can be mixed into the working fluid, avoiding the 
need for a separate oil circuit. Replacing the working fluid in the 
experimental setup is not easily done, but the effect of the working fluid 
on the expander performance can be estimated using the calibrated 
model. To investigate the effect of the working fluid on the expander 
performance, five promising fluids [13] were simulated. To evaluate the 
performance of the working fluids for this particular expander, the ge-
ometry was kept constant and identical inlet conditions for the fluids 
were used, i.e., an outlet pressure (Pex) of 1.1 bar, a superheating tem-
perature difference (ΔTsup) of 60 K, and either a pressure ratio (Psu/Pex) 
of 26 or an expander speed (Nexp) of 1000 rpm. The results of the sim-
ulations are shown in Figs. 17 and 18. The filling factor is highest for 
water (2.2) and lowest for R1233zd(E) (0.9) at low expander speeds, 
while the value is similar for all working fluids at higher expander 
speeds (∼0.5). There are also significant differences in effectiveness, 
which ranges from 0.01 to 0.13 at low pressure ratios and from 0.40 to 
0.50 at higher pressure ratios. Acetone performs best over the whole 
range of pressure ratios. 
The results in Figs. 17 and 18 are based on the definitions from the 
Expander Modeling section. The performance differences are due to the 
change in thermodynamic properties and heat transfer. Although it 
might have a significant impact, the effect of viscosity on friction is 
ignored. Additionally, although the nozzle diameters and leakage area 
from Eqs. (1), (24), and (7) are geometrical parameters, they are a 
function of the average effective area and discharge coefficient, as 
defined in Eq. (46). Whereas the area is independent of the fluid, the 
discharge coefficient depends on the Reynolds number. Therefore, to 
validate the effect on the expander performance, the same experimental 
setup should be used with different fluids. Two previous studies used a 
similar approach to model the effects of working fluids on expander 
performance. In one study [51], changing the fluid resulted in a differ-
ence of 200% in mass flow and a 10% change in cycle efficiency. In the 
other study [52], 10% differences in mass flow and expander isentropic 
efficiency were observed. Because of the different fluids and expanders 
used, it is difficult to directly compare the studies with the presented 
results, indicating a need for additional research. 
6.3. Expander performance optimization 
The calibrated model allows exploration of modifications to the 
original expander parameters, shown in Table 5. In this section the effect 
of changing the built-in volume ratio (rv) and inlet valve timing (θiv) on 
the expander performance is evaluated and optimized for the different 
working fluids in a driving cycle. Although only simulation results are 
presented, some practical considerations for this expander are in order. 
The built-in volume ratio can be modified in two ways:  
• Adding material to the top of the piston, thereby reducing the 
clearance volume, effectively increasing the built-in volume ratio. In 
the model 0.5 and 1 mm was added, leading to a built-in volume ratio 
of 25.0 and 31.1, respectively.  
• Adding distance between the cylinder block and head, thereby 
increasing the clearance volume, effectively decreasing the built-in 
volume ratio. In the model 0.5, 1, 2, 3, and 4 mm was added, lead-
ing to a built-in volume ratio of 18.1, 16.0, 13.0, 11.0, and 9.6, 
respectively. 
Modifying the valve timing needs more careful consideration, since 
changing the timing duration or the valve lift changes the valve lift 
profile and requires recalibration of the tuning parameters. However, 
the valve profile is retained if the inlet valve opening (θivo) and closing 
timing (θivc) are shifted with the same value (Δθiv). The effect of shifting 
the inlet valve timing from − 10 ◦ to  + 10 ◦ is studied in steps of 2 ◦. To 
compare the results, the evaporator heat transfer was kept constant at 
each pressure ratio. A selection of the results is presented in Figs. 19 and 
20, showing the effect of the built-in volume ratio and inlet valve timing 
on the effectiveness over a range of pressure ratios. As expected, 
increasing the built-in volume ratio increases the effectiveness at higher 
pressure ratios and decreases it at lower ratios. For the change in inlet 
valve timing, the effect is much less pronounced for small changes. 
Although, reducing the timing too much will lead to a lower perfor-
mance over the whole range of pressure ratios. 
Fig. 16. Temperature-Entropy-diagram of water. Isentropic expansion of point 
3 in Table 10 is shown with the cumulative effects of the expansion work 
(Ẇexp), leakage loss (Ẇleak), and heat loss (Q̇amb). 
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6.3.1. Driving cycle 
The overall performance of the system is dependent on the engine 
operating conditions during a driving cycle. Table 11 shows the engine 
operating conditions for a driving cycle with a weight (wdc) based on the 
duration at each point for a typical long haul driving cycle [11]. 
Although, to be able to compare the different working fluids, a full cycle 
simulation is needed, the expander performance is estimated here by 
keeping the expander inlet pressure (Psu) and evaporator heat transfer 
(Q̇evap) constant. The values for the cycle conditions, also shown in 
Table 11, were taken from the experiments for A25 and A50 and 
extrapolated for A75 and A100 based on the experimental results. The 
expander inlet pressure was limited to 30 bar and the evaporator inlet 
temperature (Tevap,in), superheating temperature at the evaporator outlet 
(ΔTsup), and expander outlet pressure (Pex) were kept constant. 
For each working fluid the expander geometry was optimized with 
the objective of maximizing the power output during the driving cycle. 
The results are presented in Table 12, which shows the built-in volume 
ratio (rv) and inlet valve timing change (Δθiv) giving the maximum 
power output over the driving cycle (Ẇexp,dc) for each working fluid, 
together with the power output relative to the engine power (Δηdc) as 
defined in Eq. (47). The results show that the expander power ranges 
from 2.0 to 3.1 kW over the driving cycle, corresponding to 1.4 to 2.2% 
Fig. 17. The expander isentropic filling factor as a function of the expander 
speed with Psu/Pex = 26,Pex = 1.1 bar, and ΔTsup = 60 K. 
Fig. 18. The expander shaft isentropic effectiveness as a function of the pres-
sure ratio with Nexp = 1000 rpm, Pex = 1.1 bar and ΔTsup = 60 K.. 
Fig. 19. Effect of the built-in volume ratio on the expander shaft isentropic 
effectiveness over the pressure ratio with Pex = 1.1 bar, and ΔTsup = 60 K. 
Fig. 20. Effect of the inlet valve timing on the expander shaft isentropic 
effectiveness over the pressure ratio with Pex = 1.1 bar, and ΔTsup = 60 K. 
Table 11 
Engine operating points and corresponding cycle conditions. Fixed conditions: 
Tevap,in = 30 ◦C, ΔTsup = 60 K, Pex = 1.1 bar.    
Engine Cycle 
OP wdc  Neng  τeng  Ẇeng  ṁexh  Texh  Psu  Q̇evap   
- rpm Nm kW g/s ◦C  bar kW 
A25 0.35 1200 600 75 180 320 17.5 6.81 
A50 0.35 1200 1200 151 290 360 27.5 15.8 
A75 0.20 1200 1800 226 370 395 30.0 22.9 
A100 0.05 1200 2400 302 450 410 30.0 29.3  
Table 12 
Optimum performance of the selected working fluids over the driving cycle.  
Fluid rv  Δθiv  Ẇexp,dc  Δηdc   
- ◦ kW % 
Acetone 25.0 0 3.1 2.2 
Cyclopentane 31.1 − 2 2.5 1.8 
Ethanol 31.1 − 2 2.0 1.4 
Methanol 18.1 − 2 2.3 1.7 
R1233zd(E) 25.0 − 2 3.0 2.2 
Water 21.0 0 2.1 1.5  
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of power relative to the engine power. Acetone and R1233zd(E) perform 












A promising way to increase the efficiency of a truck engine is to use 
the Rankine cycle to recover heat from the exhaust gases. This paper 
focused on the performance of the reciprocating piston expander used in 
an experimental setup consisting of a 12.8 L heavy-duty Diesel engine 
coupled to a Rankine cycle using water as the working fluid. The 
experimental results were used to calibrate a semi-empirical expander 
model. The conclusions drawn from the experimental and modeling 
results are listed below.  
• Four engine operating points were tested (75–151 kW) over a range of 
expander speeds (200–1800 rpm). Depending on the engine operating 
point and the expander speed, the recovered energy was between 0.1 
and 3 kW in absolute terms, or between 0.1 and 2.6% relative to the 
engine power. The experimental results indicated that the isentropic 
filling factor was as high as 2.2 at low expander speeds and around 0.5 
at high expander speeds. The shaft isentropic effectiveness varied 
between 0.05 and 0.5, mainly dependent of the pressure ratio.  
• A genetic algorithm was used to calibrate parameters of the semi- 
empirical model based on the experimental results. The calibrated 
model achieved a good fit for the outlet temperature (<1%) and a 
reasonable fit for the mass flow (<10%), but large deviations from 
experiment (>20%) were observed in some cases for the expander 
power. The most likely causes for the lack of fit for the expander power 
are the high leakage flow and the expansion in the two-phase region.  
• The calibrated model allows for evaluation of different contributions 
to the performance loss of the expander. Contributions considered in 
this study were valve clearance and valve timing, heat loss, me-
chanical loss, pressure drop, and leakage. The results showed that the 
filling factor increased (up to 2.2) at low expander speeds, mainly 
because of heat transfer and leakage. At high expander speeds it 
decreased (down to 0.5), primarily due to the pressure drop. The 
shaft isentropic effectiveness was affected significantly by all of the 
contributions, but especially by the mechanical loss, pressure drop 
and leakage. This reduced the effectiveness to less than 0.1 at low 
pressure ratios and to around 0.4 at higher pressure ratios. A closer 
look at the different contributions revealed possible causes for these 
reductions, and several improvements were suggested that could be 
tested in future simulations or experimental studies.  
• To study the effect of the working fluid on expander performance, 
five additional fluids were simulated: acetone, cyclopentane, 
ethanol, methanol, and R1233zd(E). The results show that changing 
the working fluid significantly impacted the isentropic filling factor 
at low expander speeds (from 0.9 to 2.2) but had no significant 
impact at high expander speeds (around 0.5). Depending on the 
working fluid, the shaft isentropic effectiveness ranged from 0.01 to 
0.13 at low pressure ratios and from 0.40 to 0.50 at high pressure 
ratios, with acetone offering the best performance.  
• By extending the model to include geometrical modifications of the 
built-in volume ratio and inlet valve timing, the performance of the 
working fluids was optimized for a typical long haul driving cycle. 
This showed that the available power during the driving cycle ranged 
from 2.0 to 3.1 kW in absolute terms, or from 1.4 to 2.2% relative to 
the engine power. Acetone and R1233zd(E) offered the best perfor-
mance, while ethanol and water performed worst. 
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